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Abstract—A quasi-three-dimensional algorithm is developed to simulate two-phase fluid flow and heat
transfer in the shell-side of power plant condensers. The simulation method developed is based on the
fundamental governing conservation equations of mass and momentum for both vapor-phase and liquid-
phase, and air mass fraction conservation equation. The three-dimensional effects due to the cooling water
temperature difference are taken into account by a series of two-dimensional calculations. The numerical
predictions of an experimental steam condenser are compared with the experimental results. The predicted
results are in good agreement with the experimental data. The predicted results also show an improvement
over the results obtained using single-phase model. © 1997 Elsevier Science Ltd.

1. INTRODUCTION

A condenser is an important component that affects
the efficiency and performance of power plants. Devel-
opment of advanced numerical methods for shell-side
flows in condensers is a critical step in improving
current condenser design techniques. The advantage
of numerical simulations is that they can provide a
more detailed information on fluid flow and heat
transfer in the tube bundle. This information may
eliminate, in the early stages of the design process,
problems related with flow induced vibration and flow
maldistribution, and eventually improve overall heat
transfer coefficients and increase the unit performance
and reliability. Until now, these simulations have been
carried by using either single-phase two-dimensional
models [1-3], or single-phase quasi-three-dimensional
models [4], or two-phase two-dimensional models
[5, 6].

The shell-side flow within large power plant con-
densers, usually, is three-dimensional. The steam flow
in different sections along the cooling water flow direc-
tion will differ due to the rise of the cooling water
temperature. The quasi-three-dimensional approach
takes into consideration the three-dimensional aspects
of the flow due to the cooling water temperature
difference.

The liquid phase affects the fluid flow and heat
transfer in the condenser by virtue of interphase fric-
tion force and forming films on the tubes. There is
a need to understand the physical behaviour of the
condensate, involving its form and its effect, in con-
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densers. In the design of condensers, the assumption
is usually made that heat transfer is reduced in the
lower tubes of a tube bundle by the increase in film
thickness because of condensate raining from the
tubes above. This condensate would inundate the
steam space producing thicker water coatings on the
cooling tubes causing a decrease in the heat transfer.
The numerical simulations by using the single-phase
model show the region of minimum heat transfer to
be present in the lower half of the tube bundle. Recent
experimental results [5, 6], however, have shown that
the region of minimum heat transfer is in the upper
half of the tube bundle.

The purpose of the present work is to develop a
numerical simulation model that includes the effects
of both three-dimensional and two-phase flow to pre-
dict the fluid flow and heat transfer in a condenser
more accurately. The flow situation and experimental
data of a steam surface condenser are taken from Ref.
[S] and Ref. [6]. The numerical results obtained by the
proposed numerical model are compared against the
experimental data and the predicted results by using
the single-phase numerical model.

2. CONDENSER CONFIGURATION

The configuration of the experimental steam surface
condenser at NEI Parsons is depicted in Fig. 1. The
tube bundle is composed of 20 x 20 tubes of equilateral
triangular arrangement. The cooling water is arranged
to flow in a single pass through the condenser. This
experimental condenser was designed to demonstrate
the effects of air pockets. It is not a good example of
condenser design; however, this condenser can be used
to test numerical models. The steam enters the con-
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NOMENCLATURE
A heat transfer area of a given control R, volume fraction of vapor-phase
volume R volume fraction of liquid-phase
Ay total projected area of droplets in a R, tube wall resistance
given control volume R,  waterside thermal resistance
C interphase friction coefficient T temperature
6 specific heat at constant pressure U, velocity magnitude (=u"+0%)""?
c condensation rate in the control u velocity component in the x-direction
volume under consideration vV volume
D diffusivity of air in steam v velocity component in the y-direction
Dy droplet diameter w total amount of condensate leaving the
D, effective diffusivity of air in steam particular control volume
(=D+D) x steam main flow direction coordinate
D, inner diameter of the tube y steam cross flow direction coordinate.
D, outer diameter of the tube
D, turbulent diffusivity of air in steam Greek symbols
F, flow resistance force in the x- B local porosity
momentum equation B. porosity in tube bundle region
F, flow resistance force in the y- u laminar dynamic viscosity
momentum equation He effective viscosity (=u+ pu,)
f friction factor I turbulent viscosity
Gr Grashof number £ pressure loss coefficient
g gravitational acceleration p density
H non-dimensional number of ¢ air mass fraction.
condensation
k thermal conductivity Subscripts
L latent heat of condensation a air
M steam condensation rate c condensate
m steam condensation rate per unit cs steam-condensate interface
volume d droplet
Nu  Nusselt number g vapor-phase
Pr Prandt! number i phase in question
P, tube pitch 1 liquid-phase
P pressure s steam
q’ heat flux t tube
Re Reynolds number u parameter in x-momentum equation
R, air resistance v parameter in y-momentum equation
R, thermal resistance for condensation A cooling water
heat transfer X variable in x-direction
R; fouling resistance y variable in y-direction.

denser from the left-hand side. Air and uncondensed
steam are extracted to the internal vent as shown in the
figure. The condensate is removed from the bottom of
the condenser. The geometrical and operating par-
ameters are listed in Table 1. Measurements of mean
heat flux were obtained along the third, eighth, 13th,
and 18th tube rows from the bottom of the tube bun-
dle [5, 6].

3. NUMERICAL MODEL

In steam condensers, steam and air mixture forms
the vapor-phase while the condensed water forms the

liquid-phase. The liquid condensate exists as film on
the tubes and as droplets or columns between the
tubes. Several mechanisms of heat and mass transfer
take place between the phases. There is an entrainment
of liquid from the films to form droplets. The droplets
impinge onto the tubes. Heat transfer from vapor to
condensate film takes place due to condensation.
Inter-phase friction exists between the vapor and the
droplets. Similarly, friction exists between the vapor
and the film, and between the film and the tubes.
Also, three-dimensional effects occur in condensers
primarily due to the cooling water temperature gradi-
ents, which lead to space-variable sink potential. The
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Fig. 1. Configuration of experimental condenser.

Table 1. Geometrical and operating parameters

Geometrical parameters

Condenser length (m) 1.219
Condenser depth (m) 1.02
Condenser height (m) 0.78
Tube outer diameter (mm) 25.4
Tube wall thickness (inm) 1.25
Tube pitch (mm) 34.9
Operator parameters
Inlet temp. of cooling water (°C) 17.8
Inlet velocity of cooling water (ms™") 1.19
Inlet pressure of steam (Pa) 27670
Inlet steam flow rate (kg s~") 2.032
Inlet air flow rate (kg s™") 2.48x 1074

fluid flow and heat transfer will differ in the cooling
water flow direcrion.

3.1. Physical representation

Usually, the flow behaviour within the tube bundle
of a steam condenser is very complicated. Making a
number of assumptions is therefore necessary based
on the likely characteristics of the flow. In this study,
the following major elements are proposed for the
complete physical model.
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e Mixture of air and steam is considered as a perfect
gas, the proportions being defined by the air mass
fraction.

e Both steam and liquid condensate are assumed to
be saturated.

e Liquid condensate exists as droplets of single size so
there will be no diffusion terms for the condensate.
o There is no heat transfer between the steam and the

droplets.

o Pressure is assumed common to both phases.

e Mass sink term for vapor associated with con-
densation is equal to the mass source term for the
liquid.

e The turbulent diffusivity is equal to the turbulent
viscosity, i.e. Schmidt number is equal to one.

o Pressure drop from inlet to vent for all sectors must
be the same.

3.2. Mathematical formulation

The simulation method developed in this study is
based on the fundamental governing equations of
mass, momentum and air mass fraction conservation
with flow, heat and mass transfer resistances. Coupled
momentum equations for each phase are solved along
with the continuity equations to obtain the volume
fractions, velocity fields, shared pressure, and air mass
fraction. The effect of liquid-phase on the vapor-phase
is through the interphase friction. The condenser shell-
side is divided into several sectors along the cooling
water flow direction and the flow is assumed to be
two-dimensional in each sector. The three-dimen-
sional effects due to the cooling water temperature
gradients are taken into account by a series of step by
step two-dimensional calculations, each being for one
sector.

The porous medium concept is used in the simu-
lations. A porosity factor is incorporated into the
governing equations to account for the flow volume
reduction due to the tube bundles, baffles and other
internal obstacles. A pressure correction equation is
obtained from the vapor-phase continuity equation
and vapor-phase momentum equations. Liquid vol-
ume fractions are obtained from the liquid-phase con-
tinuity equation. The vapor volume fractions are
obtained by using an auxiliary equation.

3.2.1. Governing equations. The governing equa-
tions are two sets of conservation equations of mass
and momentum in each phase, and the conservation
equation of air mass fraction. The interphase friction
forces used by Bush ez al. [6] are included in the
momentum conservation equations for both vapor-
phase and liquid-phase. In the liquid-phase momen-
tum equations, diffusive terms are neglected since the
liquid condensate is assumed to exist as droplets of a
single size. Then the governing equations become:

Vapor-phase mass conservation equation

0 0
'a_;(Rgpgug) + 5(Rgpgvg) = —nm. (1)
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Vapor-phase momentum conservation equations

0 0
a(Rgpgug”g) + E(Rgpgvgug)

) Oou,\ 20 Ou, 0Ov,
B 28x (Rgm 6x)_ 30x |:Rg‘u° (6x + oy
8 Oug | Ovg .
+ 6y |:Rg,ue <6y + ax):l—Rg ox — i,
+ Cfu (ul - ug) - RgFug (2)

0 0
a_x(Rngusvs) + E(Rgpgvgvg)

0 Ou, Ov, 0 Oy
= [Rgue ( ay iy )}LZ P (Rgue oy
290 Ou,  Ov,
T3y [Rg#e <6x + ay):|

P
—R, 6_§ — i+ Coy (0, —vg) — RF.. 3)

Liquid-phase mass conservation equation
0 0 .
a_x(Rlplul) + @(Rlplvl) = m. )

Liquid-phase momentum conservation equations
0 0
'a_x(Rlplulul) + @(Rlplvlul)

17
=~R a_i + iy + Cfu(ug —u)—RF,; (5

0 0
a(Rlplulul) + 5(13101”101)
ap | .
= —R 5 +mv+ Cy, (v, —v) — RFy+ Ripg.  (6)
Conservation of air mass fraction

0 0
a(Rgpg(bug) + 5(Rgpg¢vg)

_9 99\, 0 o9
- (RgpgDe 6x)+ p (Rgpgpe ay>' 0)

The dependent variables are velocity components, u,,
vg, 1 and v, pressure, p, liquid volume fraction, R,
and air mass fraction, ¢.

3.2.2. Auxiliary relations.

3.2.2.1. Volume fractions. The isotropic porosity,
B, which is employed to describe the flow volume
reduction due to the tube bundles, is defined as the
ratio of the volume occupied by the fluid to the total
volume. Since the tube bundle is laid out in an equi-
lateral triangular pattern, the porosity in the tube
bundle region, §,, is given as:
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n (DY
el
In the tube bundle region, § = f,; in the untubed
region, § = 1. The vapor volume fraction and liquid
volume fraction are defined as the ratio of the volume
occupied by the vapor to the total volume, and the
ratio of the volume occupied by the liquid to the total
volume, respectively. Thus,

R, 4R =§. ®

3.2.2.2. Momentum source terms. The interphase
friction forces in momentum equations are related to
the interphase friction coefficient, C;, which is given
as:

Ch = %pgf;iAdl(ug —u)]

Cry =3 PefaAal (v, — 1) 10)
where :
1.5RV
Ad — Dd .

Friction factor, f;, for spherical objects is obtained
from an empirical correlation given by Clift et al. [7].
The local hydraulic flow resistance forces, F,; and
F,;, in the vapor-phase and liquid-phase momentum
equations due to the tube bundle are given as:
F,; = upu; Uy,
F,=Cupw; Upi (00]

where &,; and £,; are the pressure loss coefficients. The
expressions proposed by Rhodes and Carlucci [8] for
the loss coefficients are used, namely :

fu Plﬁ : l_ﬂ
«=2(z) (o0 (=)

fN{ PB N (1-B
o=2(z)(e%n) (=3)

Re, < 8000
8000 < Re, < 2x10°

(12)

where

{0.619Reu‘°"98 ;
"~ 11,156 Re; 02647 ;

Re, < 8000
8000 < Re, < 2x 10°.

{0.619Rev““98;
1.156Re; 2647 ;

3.2.2.3. Mass source term. The mass source term,
m, is the steam mass condensation rate per unit
volume. The condensation takes place only on the
cooling tubes since no condensation or re-evaporation
from the condensate droplets is assumed. The steam
mass condensation rate per unit volume can be cal-
culated by equating the phase change enthalpy with
the heat transfer rate from the steam to the cooling
water flowing in the tubes, as follows:
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T-T,
mLV =

A (13)

The cooling water temperature, T, is obtained by the
heat balance between the steam and the cooling water
in each control volume. The overall thermal resistance
for each control volume, R, is the sum of all individual

resistances calculated from various semi-empirical

heat transfer correlations,

D,
R=R,=>+R+R.+R,.

v, (14

For the waterside thermal resistance, R,, the relation-
ship given by Ditus and Boelter {9] can be employed,

1 ke
—==0.023 D. R PrO*.

R, ' (15)

The tube wall resistance, R,, is calculated from the
following expression :

, _ Do In(D,/Dy)
Ro= = (16)

The thermal resistance for condensation heat transfer,
R,, is determined by using modified Nusselt’s cor-
relation [10-12].

1 k S w\ 016

i b ). 1.8/ /Nuy [ Z

R Nu D, [1+0.0095(Re,) 1 (c) an
where :

G' 1/4 D3
Nu = 0.725 <7;) ; Gr=< ‘;g> [pc(pc—ps)]
U

c

H=CPC(TS_JQ; Res=psUpD0.

Pr.L Hs

The resistance from the presence of air film is evalu-
ated via a mass transfer coefficients as reported by
Berman and Fuks [13].

1 _ 22 g (L bpl/s p Lyr 1
R, D, ; \p_ps °T (T_ Tt:s)l/3

(18)
where :
a=0.52,b=0.7 for Re, <350;
a=10.82,b=0.6 for Re, > 350.

3.2.2.4. Other properties. The density of the mix-
ture varies locally according to the perfect gas equa-
tion of state. Turbulent viscosity, u,, is taken as a
constant (forty times the value of the dynamic vis-
cosity) throughout. The droplet diameter is set to
equal 1 mm as suggested by Al-Sanea et al. [5].

3.3. Numerical solution
The discretization of the differential equations,
equations (1)—(7), is carried out by integrating them
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over small control volumes in a staggered grid. The
resulting discretized equations are solved in primitive
variables. These equations are coupled and are highly
nonlinear. Thus, an iterative approach is used for their
solution.

The condenser is divided into five sectors normal to
the cooling water flow direction as shown in Fig. 1.
The sectors interact with each other through the ‘ther-
mal memory’ of the cooling water on the tube side.
Calculations are performed for each plane, which is
located at the middle of the sector and normal to
the cooling water flow direction, sequentially starting
from the cooling water inlet end. The outlet cooling
water temperature for the preceding sector is taken as
the inlet cooling water temperature for the following
sector. Thus, the three-dimensional effects due to the
cooling water temperature difference are propagated
from one sector to the other. The inlet mass flow rate
for each sector is used to calculate the inlet mixture
velocity, which is the inlet boundary condition for the
calculation. The inlet mass flow rate into each sector
is determined by the constraint that the pressure drop
from inlet to the vent for all the sectors must be ident-
ical since the sectors share the same inlet and vent.
This is called pressure drop balance [14]. To satisfy
this constraint, repeated amendments are made for
the inlet mass flow rate to each sector. Figure 2 shows
the flow chart of the proposed numerical procedure.
The grid-independent test indicated that a grid of
31 x 34 in the x and y directions respectively will give
essentially grid-independent results [4]. Thus, a grid
of 31 x 34 is employed in the calculations as shown in
Fig. 3.

4. RESULTS

4.1. Typical results

Figure 4 shows the vapor-phase velocity vector plot.
It can be noticed that some deflection of the flow
occurs away from the tube bundle due to the flow
resistance from the presence of tubes. On the rear end
of the condenser, the flow turns towards the tube
bundle due to the rear wall and the suction caused
by the condensation in the tube bundie. The vapor
velocity, inside the tube bundle, continues reducing as
the steam condenses and becomes very small in the
central region of the tube bundle. An increase in the
vapor velocity at the entrance to the tube bundle is
attributed to the sudden decrease in the flow area
due to the presence of the tubes. The liquid velocities
appear only after the steam—air mixture enters the
tubular region and starts condensing as shown in Fig,
5. The x-direction velocity components are dominant
at the inlet of and the bottom of the tube bundle,
while gravity clearly dominates elsewhere in the tubu-
lar region and the condensate falls nearly vertically.
Though the condensate falls under the influence of
gravity, it is also subjected to interphase frictional
forces which deflect its course.

The contour maps for vapor-phase and liquid-phase
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Fig. 2. Flow chart.

velocity magnitudes are shown in Figs. 6 and 7, respec-
tively. In the vapor velocity contour, the increase in
the velocity at the entrance to the tube bundle can
be clearly seen. In the liquid-phase velocity contour,
higher velocities are observed in the region just below
the tube bundle and the region near the rear wall due
to the high vapor velocity in these regions which forces
the liquid along with it.

Figure 8 depicts the steam condensation rate along
the tube axial direction. The results can be explained
by considering the three-dimensionality of the steam

flow in the condenser. Due to the varying cooling
water temperature along the condenser, as expected,
the condensation rate is greater at the cooling water
inlet end than that at the outlet end.

The contours of heat flux distributions at the first
and the last planes are shown in Fig. 9. The dis-
tributions of the heat flux at the second, third, and
fourth planes which are not shown in the figure have
the patterns similar to these at the first and the last
planes. Corresponding with the lower vapor velocity
region is the region of lower heat transfer. The highest
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Fig. 3. Grid used for the simulation.
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heat flux is at the entry to the tube bundle, where
steam velocities are the highest and air concentration
is the lowest. The heat flux is high at the periphery of
the tube bundle and falls to a low value in the vent
area. Contrary to the widely held view of a reduction
in heat transfer in the lower region of a condenser
tube bundle due to the inundation effect, the lower
heat transfer zone is in the upper tubular region. One
possible explanation is that the turbulence of the con-
densate film on the lower tubes in the tube bundle

0

Fig. 6. Contour map of vapor velocity magnitude for plane
no. 1.

Up (m/s)

hed 1.41_7
A4
dem—r—— ==
Fig. 7. Contour map of liquid velocity magnitude for plane
no. 1.

is strongly enhanced due to splashing of condensate
droplets from above. On comparing the heat flux in
different planes, it can be seen that there is a decrease
in the average heat flux from the first plane to the
last plane. This reflects the influence of the three-
dimensionality of the flow, which agrees with the
steam condensation rate distribution.

The liquid volume fraction contour is shown in Fig.
10. The liquid volume fraction is the highest in the
lower part of the tubular region since the amount of
liquid is higher there.

4.2. Comparison with experimental data
Comparisons between the predictions obtained by
the proposed quasi-three-dimensional, two-phase
numerical model and the measurements are made for
heat flux distributions. Figures 11-14 show the com-
parison of the heat flux along four of the tube rows
with the experimental data. Since the experimental
heat flux at each plane is not available and the exper-
imental values are mean values along the cooling
water flow direction, the predicted data used here are
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average values of these from the five sectors. The
values of heat fluxes along all the four tube rows show
that the variation is similar to that in the experimental
case. The agreement with experiment results is good
for the upper three tube rows. There is some over
prediction of heat flux for the bottommost tube row.
It is noted from the predicted results that the regions
of minimum heat transfer are in the upper half of the
tube bundle, i.e. along the 13th and 18th tube rows

Fig. 10. Contour map of liquid volume fraction for plane
no. 1.
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Fig. 11. Heat flux along the third row from the bottom of
the tube bundle.
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Fig. 12. Heat flux along the eighth row from the bottom of
the tube bundle.
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Fig. 13. Heat flux along the 13th row from the bottom of the
tube bundle.

Two —Phase

from the bottom of the tube bundle, as shown in the
figures. This agrees with the experimental data.

The predicted total condensation rate (2.014kgs™")
is in excellent agreement with the experimental value
(2.021 kg s™").

The predicted results using the proposed numerical
model are also compared with the results obtained by
using the quasi-three-dimensional single-phase

3545

180
160
140
120
100

80

q" (kW/m?)

60

40

20
0

| 1 | L I | 1
031 041 051 0.61 0.7t 0.81 091 101

x (m)

666 Ssingle-Phase AAA
000 Experiment

Fig. 14. Heat flux along the 18th row from the bottom of the
tube bundle.
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numerical model [4] as shown in Figs. 11-14. As it can
be seen from these figures, there is a good agreement
between the experiments and the predictions using
both single-phase and two-phase models in the upper
half of the condenser (13th and 18th tube rows from
the bottom). The reason is that the effect of the liquid-
phase is not significant in the upper tube bundle. How-
ever, for the lower half the tube bundle (third and
eighth tube rows from the bottom), the heat fluxes
obtained by the single-phase model are under-
predicted in the central part of the tubular region. The
liquid has strong influence in the lower part of the
tubular region because most of the condensate
accumulates there. In the single-phase model, the
effect of liquid droplets is not taken into consider-
ation. This is probably the reason for discrepancies in
the single-phase model results.

5. CONCLUSION

A quasi-three-dimensional two-phase numerical
model to predict the fluid flow and heat transfer in
condensers has been developed. The simulations have
been carried out for an experimental condenser. The
numerical model has successfully reproduced the main
features of the flow inside the stream condenser. the
numerical model proposed in the present study has
shown the capability of predicting the performance
of condensers. The agreement with the experimental
results is good in most regions of the tube bundle. On
comparing the results from the quasi-three-dimen-
sional two-phase model with those from the quasi-
three-dimensional single-phase model, it has been seen
that the quasi-three-dimensional two-phase model
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gives better results in the lower part of the tubular
region where the liquid plays a major role. In the
upper part of the tubular region, results from the two-
phase model are similar to those from the single-phase
model.
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